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ABSTRACT
The most commonly used hard limitation for pumptisunc

specific speed is 11,000 (US units). This hardtlignew out of
the recommendations from a 1982 reliability study bL.

Hallam (Hallam 1982). Concomitant testing of thbration

performance of an OH2 4x6-11 pump was made wittellags

designed for different suction specific speeds @radf and
Ross 1985). This study showed that all things d&iqual, a
strong relationship existed between suction spesificed and
the pump vibration at off BEP operation.

Given the significant changes in impeller desigrthods
and computational tools in the subsequent threadies this
paper seeks to investigate how these new methotishave
affected the relationship between suction spesflieed and the
pump vibration.
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Experiments are performed using a series of impelle
designed for different suction specific speeds gisimodern
design techniques. These impellers are mounted sabgect
test pump which is also an OH2 4x6-11 in order ¢hieve
equivalency with the prior testing. Vibration perfance over

the pump operating range is recorded. The results a

complemented with computational fluid dynamic (CFD)
analysis to further examine the performance of éagteller.

BACKGROUND

The suction performance of a centrifugal pump is an

extremely important consideration for optimal pump
performance. Good suction performance allows tieruse of
smaller piping, lower tank elevations, less excava@and a
general optimization of plant design. These opations can

The landmark paper by Warren Fraser (Fraser 1981),

brought the consequences of relying on large impdhlet
diameters into focus.
increasingly concerned that while such designsmized plant
1% cost, it was at the price of reliability and oJktde cycle

cost. However, there was no large scale studyablaiof the
phenomenon in an actual pump population and héwceature
of the trade-off between suction performance arhbidity

was unclear.

This changed when Jerry Hallam (Hallam 1982) phielis
the results of a large scale reliability study 804€umps over a
5 year period at the Amoco Texas City refinery.folend that
the reliability of a pump was meaningfully relatiedits suction
specific speed (Nss). Specifically pumps with as& 11,000

Pump users had already become

lead to significant % cost savings. (S > 213) failed twice as often compared to lowectisn
specific speed pumps. Figure 2 shows the failate ws.
In the 1950's to 1980's the impeller design methods suction specific speed.
available to pump designers were more limited tttey are
today. Impeller designs from that era were notdbtetheir
achievement of good suction performance through the
deployment of large impeller inlet diameters (Dit)was not
understood until later that the enlarging of thepéfler inlet
diameter caused impairment of the impeller perfaorreaat
flow rates lower than the best efficiency point E This
impairment exhibited itself as significantly inceeal vibration

and in some extreme cases an unstable NPSHr chastict

0
S & & & & & &
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N % N N
Suction specific speed ranges (US units)
TDl Figure 2: Failure frequency vs. suction specifieegph

D1 Hallam concluded: This study indicates that caution
should be exercised when purchasing hydrocarbon or small

Figure la: Effect of larger D1 on suction recirtigda strength

1 ~

Failure frequency

water pumps with a Nss greater than 11,000 unless operation is
closely controlled near BEP."

This conclusion was supported by the results dfrtgsan
OH2 configuration 4x6-11 (100x150-280) pump in thaok
Centrifugal Pumps:Design & Application (LobanoffcaRRoss
1985). For this testing a series of eight impslleith differing
suction specific speeds were designed and test@blca RPM.
The range of suction specific speeds varied from#Ng000 (S
= 135) to Nss = 20,000 (S = 387). For each imp¢he flow
was varied until the pump vibration level exceettes API 610
allowable level of 0.3 inches/sec (7.6 mm/s) peakhose
limiting flow rates are shown for each impellerFigure 3.
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Figure 1b: Unstable NPSHTr characteristic.
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Figure 3: Stable window according to Lobanoff & Ros

The testing showed that the impeller operating eawgh
acceptable vibration characteristics was strongated to
suction specific speed.

In the years following the publication of Hallanvigrk the
Nss = 11,000 (S = 213) limit was widely adopted dmard limit
in the oil and gas industry to the extent thatitare to see a
specification that does not invoke it in some formt is
common to see the limit applied rigorously to theeat that
(for example) a pump with Nss = 10,950 (S = 212)iewed
as acceptable while a pump with Nss = 11,050 (SL4),2is
viewed as unacceptable.

A number of authors have over the years studiedl an
reported that the influence of suction specificespen pump
reliability is diminished [(Stoffel and Jaeger 1996
(Hirschberger and James 2009), (Hergt et. al. 199&ulich.
2001) and (Balasubramanian et al. 2011)]. Cenwakheir
claim was the premise that modern impeller deséghriques,
ceteris paribus, allowed attainment of higher suctspecific
speeds without resorting solely to enlargementhefitpeller
inlet diameter. However none of this work has raliethe
widespread view that the original Nss = 11,000 (213)
number is the main criteria that should be usedssessing a
pump's quality.

It is noticeable (by its absence), that there bxasn no
similar follow-up large scale study of refinery ppmreliability
in the past 30 years. This is a concern giveniticecased
emphasis on safety, life cycle cost and minimizngssions.

INTRODUCTION
The purpose of this paper is to revisit the testiegorted
by Lobanoff and Ross in 1985. The reasons forglsim are
primarily:
« changes to impeller design techniques, and
« improved design and construction standards.

Impeller design techniques

Impeller design techniques and tools have improved
significantly in the last 30 years allowing imped#ie¢o attain a
required suction performance while minimizing therease in
impeller inlet diameter. While not intended todreexhaustive
list, some of the design options available to téslalesigners
include:

« Small incidence blade angles coupled with smalliéla
and approach flow angles (for better NPSH behaatior
part-load operation).

« Low blade loadings in the inlet region up to the
impeller throat area. These help prevent the ftiona
of low pressure zones where cavitation will begin.

e S shaped developments of the impeller camber fine i
order to achieve the required impeller throat avhie
minimizing the eye diameter.

e Backward swept blades to reduce the volume of any
cavitation that develops at the leading edge.

e Impeller leading edge carried well forward at the
impeller hub in order to reduce the formation of
cavitation at part load operation.

« The deployment of better controlled leading edge
profiles. These profiles effectively limit the thag
edge pressure spikes and are less sensitive téopdrt
operation. For example prior research by the algho
company (Balasubramanian et al. 2011) has shown
that optimized impeller leading edge profiles imgo

suction specific speed without requiring larger
impeller inlets.
e Utilizing computational analysis techniques the

impeller inlet design can be optimized for a givst

of conditions, thus allowing greater control and
understanding of the flow and pressure charadEsist
in the impeller passageway.
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Design and construction standards

Pump standards (e.g. APl 610 11th edition), have 1.0E+04 ¢ —&—API 610 App. K acceptance line
continued to evolve such that modern designs ane mobust F =¢=Test Pump
than designs existing in the 1980's. L0E+03 r Older generation Pump
Specifically, the E/d* ratio has been reduced in order to | _ i
limit shaft deflection at the seal chamber to 00@205mm) _H'g r N
under any operating condition. ¥tl* is calculated from the |3, 1.0E+02 =
impeller overhang (L) divided by the shaft diametdr the = 3 ’\
mechanical seal (d), see Figure 4. This mechacmastraint r \
was driven by the need to improve mechanical selahility 1.0e+01 3 N
and the use of{d* as a cost factor weighting representing life- F
cycle cost r
1.0E+00

1.0E+01 1.0E+02 1.0E+03 1.0E+04 1.0E+05
QH/N (USGPM x ft / RPM)

Figure 5: Excerpt from API 610 fedition Appendix K

APl 610 7" edition (1989) also introduced the current
requirements for limiting the deflection of the pununder
specified nozzle loads including optional testingPl 610 ¢
edition (2003) specifically prohibited the use efar bearing

improvement of the overall rigidity of the pump ires bearing
frame and baseplate.

Figures 6 and 7 contrast the arrangement of a gdeit
typical of current designs with that of an olderside.
Consequently the improved rigidity tends to imprameerall
pump reliability and vibration performance.

Figure 4: 13/d* for an overhung pump rotor

It is not unusual to see pumps designed to earéiesions
of API 610 having E/d* ratios that are 3x to 6x higher than the
industry average today. For example in a comparietween
the 4x6-11 (100x150-280) tested in this paper argindlar
pump from a model line designed to an earlier versif API
610, the older design had &d’ of 213 in* (8.4 mm"). This is »
5x greater than the value of the pump tested fo plaper
which has a B/d* of 42 in* (1.65 mnt). :

API 610 11" edition introduced non-binding criteria for
L¥%d* in Appendix K of the standard. The criteria plaf/d*
vs. a factor composed of the pump flow x head EdpeThe
location of the test pump is plotted on the graplrigure 5 as
compared with an older generation pump.

Figure 6: Pump foot fully compliant to API élO“lé:dition.
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Figure 7: Pump foot design typical of a pump desigto pre-
AP| 7" edition standards.

Hence it is timely to examine how these changese hav

affected the attainable acceptable flow range a®létes to
suction specific speed.

TEST PUMP SETUP

The test pump selected is a 4x6-11 (100x150-2804 in

single stage overhung configuration with centerlim®unt
(OH2). It is fully compliant with 11th edition o&kPl 610. In
terms of overall construction it is unremarkableouh
consistent with the current best practice for d& é@mpliant
AP| 610 OH2 design. Figure 8 shows a cross-segtioiew of
the test pump.

The characteristics of the test pump are tableowael

Par ameter Value

Running Speed 3560 RPM

BEP Head 450 ft (137 m)

BEP Flow 1670 USGPM (380m3/h)

BEP power @ 1.0 SG
Specific Speed Ns (nq)
Design Pressure
Materials of Construction
Shaft dia. @ mechanical seal 2.362” (60mm)
L¥d” ratio 42 in' (1.65 mnt)
Table 1: Test Pump Specifications

232 HP (173 kW)
1489 (28.8)

750 psig (51.7 barg)
API 610 code S6

A0

|

Figure 8: Cross-sectional assembly of the Test Pump

The pump was installed in a standard testing statiche
large hot water tank (LHWT) test loop of companyR&D
facility. The test setup complied with HI 14.6 ttetandards.
Figure 9 shows the test pump as installed in thelt®p. It is
important to note that all test loop setups are ptary
constructions and the vibration levels measuredhenpump
will necessarily be higher than those achievechin final site
installation. The absence of a large permanenidation and
grout reduces the ability of the test setup tonakite these
vibrations effectively. Additionally, all of theluid energy
imparted by the pump needs to be dissipated witién test
loop. This tends to cause vibrations that areldadk to the
pump, and in extreme cases acoustic resonancesccain in
the typically short pipe runs.

Hydraulic Institute recognizes this fact in theibnation
standard 9.6.4 which has higher allowable levelsféztory
testing than for site testing. API 610 makes nchatistinction
and requires the same low levels be achieved ifisittery test
loop as in the final permanent site installation.
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Figure -9b:'Pun‘1p installation (bearing housing view)

For the purposes of the testing, the following\aHble
vibration levels were used in accordance with AR) @1th
edition:

Parameter Vibration level
Overall unfiltered in the flow range0.12 in/s (3.0 mm/s)
70% to 120% of BEP
Any discrete frequency in the flow0.08 in/s (2.0 mm/s)
range 70% to 120% of BEP
Overall unfiltered in the flow range0.156 in/s (4.0 mm/s)
MCSF to < 70% and > 120% of
BEP
Any discrete frequency in the flow0.10 in/s (2.6 mm/s)
range MCSF to < 70% and > 120%
of BEP
Table 2: Vibration criteria for acceptable performoa under
API 610 11" edition.

These vibration values would be used to determhee t
allowable operating range of each impeller.

IMPELLER DESIGN

For the test rig, four single entry end-suction éthgrs
were designed. Details of the key geometry inforomatare
tabled below. Constraints were placed on the maxinoutlet
width dimension to ensure each impeller could fithim the
standard 4x6-11 case being utilized as well asrexwgsgimilar
radial thrust values.

The impellers were designed with varying suctioacsiic
speed (Nss) constraints, notably 8000 through 1564t the
intent to maintain a standard generated head astceffeciency
flow rate.

Maintaining a similar meridional geometry between
impellers is not possible due to the large incredeesuction
specific speed. As such, the impeller eye diameageasiually
increase causing differences in the overall menaichape.

There was some variation in discharge angle archdige
width between the different designs., 8nd 3, are strongly
dependent, and were adjusted to achieve the apat®pr
discharge area while accommodating the variationiniet
geometry.

The inlet diameter for the highest Nss impeller whsost
20% larger than the lowest Nss design. An oveofagach of

the impeller meridional shapes can be seen indigor.

NS§S28000

NSS=13000

Figure 10: Overlay of meridional geometries
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Design | Design | Design | Design
1 2 3 4
. 8000 11,000 | 13,000 | 15,000
Nominal Nss (S)|  155) | ‘213) | (252) | (290)
D, Impeller outlet 11 11 11 11
diameter (in)
B, Impeller outlet
width (in) 1 0.9 0.85 0.95
B2 Impeller vane
angle @ outlet (deg} 24 26.3 29 275
D4 Impeller inlet 4.9 53 55 58
eye diameter (in) ) ’ ) )
B1tImpeller vane
angle @ inlet (deg) 29 13.2 14.7 11.7
D,/ D,
Impeller inlet / 0.44 0.48 0.5 0.53
impeller outlet dia.

Table 3: Basic dimensions for the four impelleriges. Figure 11a: Nss= 8000 nominal impeller

As discussed previously, in research by the authors
company (Balasubramanian et al. 2011), it was detnated
that cavitation is better controlled and higher Nsdues
achieved by employment of optimized leading edgHilps. As
such, a parabolic leading edge profile was adofiie@ach of
these designs, but the benefit of the leading qugéle was
not considered in the impeller design calculatitarsl impeller
design system utilized for these designs), as thkacte
improvement that could be realized was uncertain.

To reduce variability between the impellers, a tamis
wear ring diameter has been used. Wear ring cleasawere in
conformance to API 610 edition Table 6.

In standardizing the wear ring geometry the conertjal
volumetric loss is constant across the four impsgll€This
ensures a standard fluid damping effect. Wear length has
been held constant across the impellers to normalie
favorable centering “Lomakin” effect. While API ®Hoes not
allow this effect to be considered when calculatihg shaft
deflection, it does provide some additional stifmeand
damping and hence it was necessary to keep it aanfir all
impeller designs.

The impellers were manufactured directly from thHe 3
model using rapid investment casting techniquestdpa less
manufacture) and the cast impellers using SLA rapid
prototyping process. Pictures of the resulting eligys are
shown in Figures 11ato 11d

Figure 11c: Nss= 13000 nominal impeller
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size is chosen as 0.015x the maximum length ofptesage.
This allowed for an average of 5 cells across tidthnof the
passage. The mesh size for the four models vdrgdeen
450,000 and 600,000 nodes.

A grid refinement study was performed for one oé th
design cases to ensure that the mesh was propmrstracted
and would produce results of sufficient accuracylhree
meshes of increasing refinement were utilized. fesalts of
this sensitivity study are described in table 4.

Figure 11d: Nss= 15000 nominal impeller

COMPUTATIONAL FLUID DYNAMICS(CFD)

To verify the hydraulic designs, a computationaldgt
conducted within the framework of the ANSYS-CFX sl
[ANSYS CFX-14.5, 2012], was undertaken. The initial
motivation for the computational analysis was teuwer that
each design achieved its target Nss at the bastesify point
(BEP) while maintaining comparable performance.
Additionally, the CFD results can provide insightta the
development of cavitation on the leading edge eflitade and
into the onset of recirculation within the impelleFhe onset of
suction side recirculation as the flow rate throdigé impeller
is reduced should signal an increase in vibratlaracteristics.

For simplicity, a single blade-centered passageh veit
steady-state flow condition was utilized for thisalysis. This
has certain limitations as it neglects the effédhe casing and
any unsteady characteristics including blade pask system
response. However, it makes the size of the medttte time
to convergence manageable such that multiple flomditions
could be analyzed.

Figure 12. Sample mesh used during computatidody/s

As described in the book Centrifugal Pumps by Johan
Giiilich, approximating a grid independent solutigy,, the
discretization errors fgand the order (p) of the solution can be
calculated utilizing solutions of grid sizes théfet by a factor
MESH STRUCTURE of 2. The equations are listed below.

An unstructured mesh with tetrahedral mesh elemeats
generated using the Simmetrix grid generation safw D
[Simmetrix MeshSim, 2012]. A boundary layer meshhw
hexahedral mesh elements was placed on wall ssrfack
minimum Ay was established such that the average y+ value on H, — Hy,
the vane surface was between 10-20. Kaemodel with the h= Top 1
shear stress transport (SST) adaptation is utilieethodel the
turbulence and near-wall structures. For thisulethce model,
a y+ of less than 30 has produced repeatable sesuiile H,, ~ H, +
sufficiently capturing the near-wall characteristicThe global

1 I (Hh_H4-h)
- l0g2 og Hh_HZh

Hp — Hap
2P -1
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Mesh Size Predicted Head | Predicted 3% NPSHr
Nodes HéH,, NPSHr/NPSHy,
164,000 1 1.19
332,000 0.99 1.05
590,000 1 1.01
p -2 -2
& 5.33 -2.67
Hnu; NPSHp, 509.3 13.83

Table 4: Mesh refinement sensitivity study

CFD SOLVER CRITERIA
The analysis of the four designs was performedzind

the ANSYS-CFX solver. The homogeneous two-phaseuns
model is employed to model cavitation. The cawtatnodel is
based on the Rayleigh-Plesset equation with sotemas for
the generation and destruction (vaporization andlensation)
of vapor bubbles [Bakir et al., 2004]. The moddi{es for two-
phases, vapor phase,{,,) and liquid phaseoae), at each
control volume location, with the sum of both prasgual to
one Qaportowae=1) at each location. The basic assumption of
the model is that all phases share the same welacil a
mixture equation is solved for the conservatiommaimentum.
High resolution fluxes are chosen for the discegion of mean
flow and turbulence equations. The shear streasspiat (SST)
turbulence model is used for modeling turbulence.

Simulations are performed for a single passagehef t
impeller geometry as shown in Figure 13. For thalysis, no
slip boundary conditions are applied at the hubipwth and
blade; total pressure is set at the inlet withubkime fraction
of water as 1.0 and vapor as 0.0; mass flow ragpegified at
the exit; and rotational periodicity is applied tae periodic
interfaces (passage boundaries) as shown in Figure

Convergence for the velocity and momentum res&lual
was determined below an RMS value of*1(Each of the trial
runs required between 200 and 400 iterations toieaeh
convergence.

Perlodlc\

Interface

Inlet

Figure 13: Single-passage CFD model for analysis

Multiple runs were conducted for each of the imgmsll
Four different flow rates were investigated at 6@%%0, 100%,
and 120% of the target best efficiency point (BEd#)each of
the four designs. At each of these flow rates, itthet total
pressure was gradually reduced to compute the lieag
performance curves, essentially simulating a tydWRSH test
run. Figure 14 demonstrates a typical head droprecu
predicted by the computational analysis.

Nss (nominal) = 15000 (290)
Q @ 100% BEP
100% —@ l @
— 95%
&
T
o 0,
= 90% NPSH 3%
Break Point
85%
80%
0 50 100 150
Suction Pressure [ft]

Figure 14: Typical head breakdown curve

PREDICTION OF RECIRCULATION BY THE FRASER
METHOD AND CFD
Warren Fraser (Fraser 1981), provides an estifoatide

onset of suction recirculation within centrifugalirpps based
on major dimensions within the impeller. The edurafor this
is shown below. There is mention made in the paipatr the
equation was developed using observations of suctio
recirculation in a special test pump equipped \itinansparent
suction pipe. It is not clear from the paper agxactly how
observations made on test pumps were correlatéd tive
resulting formula. Specifically there is no mentias to how
extensive the recirculation zone must be to assyperimental
observation. This makes it difficult to correlatéh the CFD
determinations of the recirculation zones.

: Dl(Dlz—hlz)N v
quCtrecirc(Us units) = ————x u_i

9325 for D4/D,> 0.5

Thus for the purposes of comparison the impelledenn
CFD analysis is deemed to be recirculating when the
recirculation zone extends upstream of the leaduhge of the
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impeller vane, which presumably would have beereptable
in Warren Fraser’s test pump.

For each impeller design, single phase CFD runsewer

performed where the flow rate was reduced in 5%eiments
from BEP. Figures 15a to 15d show samples of dselting
output. The results were compared for each impelte a
determination made regarding the flow at which nadation
extended beyond the vane leading edge. This flme was
deemed to be “recirculation onset”

Predictions for the onset of recirculation are shoiw
Table 5 for both methods. The flowrate at whichtisun side
recirculation occurs increases with increasing isacspecific
speed. This is to be expected as the higher susiecific
speed impellers have larger impeller inlet eye (Biajneters.

It can be seen that the values predicted by CFD and
Fraser’s equation show substantive agreement. afigears to

validate the choice of CFD recirculation criteria.

Nominal Fraser CFD
Suction Suction Recirc. Suction Recirc.
Specific Speed (% of BEP) (% of BEP)
8000 (155) 48% ~48%
11,000 (213) 60% ~63%
13,000 (252) 66% ~63%
15,000 (290) 75% =74%

Table 5: Recirculation predictions based on Fr&s€FD

Figure 15a. Small recirculation cell ahead of van&0% BEP
Flow, 8000 Nss (S=155) design.

0.148 0295 (foot)
0074 0221

Figure 15b.Recirculation cell ahead of vane at &&F Flow,
11,000 Nss (S=213) design.

Figure 15c.Recirculation cell ahead of vane at @&EF Flow,
13,000 Nss (S=252) design.

s

o
3
N

NN
SOONOSRONOREO®O

0.068 0.197

Figure 15d.Recirculation cell ahead of vane at BEF Flow,
15,000 Nss (S=290) design.
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EXPERIMENTAL RESULTS
Each impeller was subject to a full performance HRGH

test based on the criteria set out in API 610. Eselts of each
impeller performance compared to the design taagetshown
in Figures 16 and 17. These results confirmedthdiction of

the CFD. Head and efficiency agreed within 5% leemvCFD
and test when the calculated casing losses werdinech with

the CFD values.

Nss 15000 Nss 13000 Nss 11000
Nss 8000 e= = CFD 15000 = = CFD 13000
CFD 11000 = = CFD 8000

150 <«

\
140 N

< N

130 <
N
120 - S -

/

v

110

£/

100

% Best Efficiency Head

90

80 i
20 40 60 80 100 120
% Best Efficiency Flowrate

Figure 16: Experimental Testing and CFD analysistgrthe
CFD results show the impeller performance only.)

140

leading edge profile.
NPSHr  improvement
approximately 18%.

From previous testing this
was believed to be

In addition to comparing the target NPSHr valuethie
tested values, the tested NPSHr values were couhpar¢he
CFD simulation.

For flow values higher than the onset of suction
recirculation, the values of NPSHr from CFD showed
substantive agreement with the tested NPSHr vald¢BSHr
predictions obtained via CFD are typically 5-15%véo than
those attained on test. This can be accountedifbr casting
and surface imperfections, unsteady flow featureguding
vane pass contributions and system response chasécs,
and non-uniform inlet flow fields

At lower flow rates the tested NPSHr values divdriem
the CFD predicted NPSHr values due to impellerrzasi
interaction in recirculation which the impeller gnCFD is
unable to simulate. Results of predicted 3% heaap dersus
flow are shown in Figures 17a and 17b below.

@® Nss - 11000 CFD A Nss - 8000 CFD
X Nss - 11000 Test X Nss - 8000 Test

50
45 ‘%
40 £ ,>./

- £
35 %
30 | A

Tested NPSHr was 21% to 33% lower than the original | &
nominal target values. These values and the carnekipg ™ i )/R /X
. - . T i . w
suction specific speed are shown in Table 7. Y 25 7 X1 X)(
< 20 | — e
Nominal Suction| Target NPSHr| Tested NPSHr| Tested Suction 15 & X A %(
Specific Speed @BEP ft (m) | @ BEP ft (m) | Specific Speed : o ®
8000 (155) | 47.8(14.6)| 37.4(11.4) 9568 (18p) 10 ¢ — o
11,000 (213)|  31.3(9.5) 21.1(6.4) 14,776 (286) 50 0 - 05 ' 10 15
13,000 (252) 25.0 (7.6) 17.6 (5.4) 17,066 (381) Flow rate relative to BEP
15,000 (290) 20.7 (6.3) 16.4 (5.0) 17,841 (346) Figure 17a: Computational & test results for 3% NP$000

Table 7: Nominal target vs. tested NPSH and Nss

There are two main reasons for this difference:

1. The acceptance tolerance for NPSHr allows no
Thus impellers are designed to

positive tolerance.
achieve lower than the target
approximately 14% to allow for
variances and uncertainty of design.

NPSHr by
manufacturing

2. The design methods used did not take into accowant t

improvement achieved through use of the parabolic

and 11,000 nominal Nss impellers)
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Figure 17b: Computational & test results for 3% MPS
(13,000 and 15,000 nominal Nss impellers)

Vibration values for the both overall vibrationsdamane
pass are plotted on Figures 18 and 19. (Vibrdgenls due to
mechanical sources, specifically 1x and 2x runrsipged were
less than the 0.08 in/s (2.0 mm/s) allowable Idweldiscreet
frequencies and were therefore not used as an @ooep
criteria).

Allowable vibration === 15000 Nss vibration
13000 Nss vibration = <<= 11000 Nss vibration
== % =8000 Nss vibration
0.18 —
0.16 —
- , \
0.14 ¥4 S
™ oo AN
2 012
o 5 W,
= 01 ¢ RN -
< e X N
£ 008 Ty N A
o F ~ : -
3 006 + X X X
> 2 B
0.04 +
0.02 +
0 - 1 1 1 1 1 1 1 1 1 1 1 1
0 0.5 1 1.5
Flow rate relative to BEP

Figure 18: Overall vibration level on test.

The results show that all impellers exhibit a rsin
vibration level away from the impeller shock-lesswf point.
The Nss 15,000 nominal (17,841 actual) impellerigtes

exceeded the acceptable vibration level at 86%ER Blue to
vane pass.

The 13,000 nominal (17,066 actual) impeller design
exceeded the acceptable vibration level at 76%EP Blue to
vane pass.

The 11,000 nominal (14,766 actual) and 8000 nominal
(9568 actual) impeller designs did not exceed aifyation
criteria throughout the entire operating rangeet$tom 25%
to approximately 140% of BEP.

==fl== 15000 Nss vibration
== >@= 11000 Nss vibration

Allowable vibration

13000 Nss vibration
==} =8000 Nss vibration

0.18

0.16

0.14

0.12

0.1

0.08

0.06 X
X=X
0.04 >E’ Koy =X

W
€ 7S K —
0.02 \;2 \XE.’

0 C L L 1 1 1 1 1 1 1 1 1 1
0 0.5 1 1.5
Flow rate relative to BEP
Figure 19: Vane pass frequency vibration levelamst.t

Velocity (in/s RMS)

It should be noted that the test setup was of geera
quality. The test pedestals were clamped to theltase and
were not specifically designed for the pump beiegted.
Consequently the vibration levels achieved could be
meaningfully improved by refinement of the test upet
Similarly for a pump permanently installed in theld on a
grouted baseplate, we would also expect a reduction
vibration levels achieved on test.
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The pump was also equipped with a suction tapping

adjacent to the eye of the impeller (see Figure. 2ahe
pressure at this tapping was logged and comparetheo
pressure at the suction tapping at a location 2Bant of the
suction flange. The purpose of this measuremens tea
ascertain when suction recirculation occurred aompare this
result with the values predicted by Fraser and CFD.

Figure 21 shows a plot of suction pressure recoatdxbth
tappings, normalized for the area differences adected for
friction losses between the two locations. Thioveh an

apparent recirculation inflection point for all théesigns
between 60% and 70% of BEP as shown in Table 8.

Figure 20: Location of the casing suction tapping.

While the tapping clearly records the presenceuatisn
recirculation, the number of readings taken andr theatter
precluded this method from providing an accurathcation of
the onset of recirculation. As can be seen frold 8, there
was significant disagreement between the both Faasd CFD
as compared to the values obtained during this test

With more time and refinement of the technique (in

particular a much higher density of measuremenhtppi we
believe it could yield a more accurate indicatibowever for
the purposes of this paper the technique will rediscussed
further.

Nominal Fraser _ _CFD _ _Test _
Suction Suction Recirc. | Suction Recirc. | Suction Recirc.
Specific Speed (% of BEP) (% of BEP) (% of BEP)
8000 (155) 48% ~48% ~62%
11,000 (213) 60% ~63% ~65%
13,000 (252) 66% ~63% ~67%
15,000 (290) 75% ~74% ~64%

Table 8: Recirculation recorded on test & comgate the
predictions from Table 5.

X Nss - 8000 X Nss - 11000
A Nss - 13000 B Nss - 15000
1.25
1.20
[ |

& A
£ 1.15 .
= XN\
o ~ N
i ~\\\ .\\‘\ x\\
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7] X Mo Sd NN
S by \\\\ N
o N \: o\

1.05 AR S

K
b RN
‘QK
N S A X [ |
1.00 W o |
\\\
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Pump Flow % of BEP

Figure 21: Ratio of suction performance at casmgstream
in the suction pipe.
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DISCUSSION
The test results can be converted into an opekdtiamge

chart similar in style to that used by Lobanoff &4$3. Figure
22 shows this in detail. Compared to Figure 3, steble
operating window is substantively larger and onlgses at
suction specific speeds far above those typicglgcsied by
most users.

55 ’
Stable OperaLion
Window
45 —
- 35 |
< &
T P
Z $ /|
z o /]
25 AN
VA
S
N ,\QQ) S\
/” W&
15 =< _—
_——/
5
0 20 40 60 80 100 120 140
Pump Flow % of BEP

Figure 22: Stable operating window for the impellegsted

This result was compared to an existing internadigjine
(known as the SGsT line), used by the author's @mp
governing achievable end suction impeller designgh w
acceptable vibration and stability characteristics.This
guideline is reproduced in Figure 23 with the intel
designed for this paper plotted on it. The mailidsblue line
indicates the dividing line between acceptable amzh-
acceptable performance.

For the specific speed of the test pump, the exjsBGST
line value of approximately 13,000 nominal suctigmecific
speed would be appear to be easily attainable thwtlturrently
available design tools. As the state of the arttinoes to
improve it may be possible to revise the SGsT lipgards in
the future as shown on Figure 23.

It should be further noted that the SGsT line diptow
11,000 Nss for higher specific speed impellersis Thbecause
at these higher specific speeds the ratio of irepetiutiet
diameter to impeller inlet diameter (D2/D1) is sfgrantly
reduced. As Warren Fraser (Fraser 1981) demoedirahis
ratio strongly determines when suction recirculatiall occur.

Thus in order to achieve an acceptable operatingeravith
these impellers, the Nss target needs to be reduced

e Existing SGsT line Nss = 17841 (345)
Nss = 17066 (330) A Nss=14766 (286)
Nss = 9568 (185) = == Future SGsT line
18000 .
16000 :._--~ - \I:lvci:;thattalnable |
g 14000 + ! *‘~ — | acceptable
> a ~| performance
4 12000 + - H
= L \ ~\~
% 10000 ~—
2
g— 8000
& 6000 :
% _:_ Attainable &
® 4000 {—| acceptable
g 2000 || performance
< r
o &
0 1000 2000 3000 4000
Pump Ns (US units)

Figure 23: Trade off line (SGsT line) for Ns vssN

SUMMARY AND CONCLUSIONS
The testing results confirm that substantive impraents

in stable operating range vs. suction specific dpege
achievable utilizing modern impeller design and pum
construction standards. The realizable performajitgs =
14,776 (S = 286) with acceptable vibration charésties), is
so far removed from what most users consider aidénthat it
should give pause for consideration as to whettssr #.1,000
is always the appropriate choice for medium to Ilgpecific
speed impellers.

The authors would recommend that users consider
adopting their own version of the SGsT line. Thmedfic
speed of the pump is an important determinant efatitainable
Nss (with reliability) and needs to be recognized.

If correctly applied the use of such enhanced dessédlow
the designers of processes utilizing pumps, ineckdsxibility
and the potential to realize a lower first costmagual or even
improved reliability (if high specific speed pumase specified
with conservative SGsT limits), than is possibléhweurrent
one size fits all suction specific speed limit.

Of equal importance is action from the users of pimng
equipment to build on Hallam’ s work and provide updated
large scale study of pump reliability for the®2dentury.
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NOMENCLATURE

BEP = best efficiency point (flow rate) of the pump
CFD = computational fluid dynamics

API = American petroleum institute

NPSH, = available net positive suction head

NPSH;, = net positive suction head at 3% head drop
NPSH = net positive suction head required ( = NB$H
Ns = specific speed (RPM, USGPM, ft)

Nss = suction specific speed (RPM, USGPM, ft)
S = suction specific speed (RPM¥/hr, m)

Q = pump flow rate USGPM (ifhr)

MCSF = minimum continuous stable flow

D, = impeller eye diameter

By = impeller vane inlet angle
D, = impeller outlet diameter
B, = impeller outlet width

B2 = impeller vane outlet angle
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