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ABSTRACT

In oil field applications it is often required to pump oil, gas, and
water as mixtures rather than separating the fluid. Although the
performance prediction of twin-screw pumps on liquids is well
established, the prediction of performance of these pumps on
multiphase mixtures presents a challenge. Test data of twin-screw
rotary pumps are compared with predictions of performance over
ranges of fluid viscosity and intake gas void fraction (GVF) from
zero to 100 percent. The prediction method includes the effects of
internal clearances, which can vary spatially, pressure distribution,

laminar and turbulent internal leakage or “slip” flow, and viscous
heating of the slip flow. The method predicts the experimentally
observed variation of pump intake volume flow rate as pump
pressure rise increases, namely:

• The traditional straight-line decrease for highly viscous,
laminar, pure-liquid flow;

• The initially rapid decrease for low-viscosity, turbulent, pure-
liquid flow; and

• The negligible decrease at high GVF and pressure ratio for all
viscosities.

This ability to more accurately predict pump performance for the
many combinations of operating conditions has enabled pump
manufacturers to more accurately design the multiphase pump
required for the intended duty.

INTRODUCTION

Twin-screw rotary pumps have historically been used to pump
viscous liquids but are now often applied to handle multiphase
fluids in oil and gas recovery applications. These pumps have the
ability to pump fluids directly from the oil fields with a wide range
of operating conditions. Liquids, oil, gas, and water mixtures or
slugs of 100 percent gas can all be pumped at constant pressure
with these screw pumps. The ability to maintain the full discharge
pressure with all these fluids without the requirement for changes
in operating speed is a significant advantage of these pumps.

Users and designers of pumping machinery are always
concerned with the relevant performance characteristics. For twin-
screw pumps, which are positive displacement machines, the
variation of the delivered volume flow rate Q with the pressure
difference ∆p imposed across the pump is the major characteristic
of interest (for definition of symbols, refer to NOMENCLATURE
at end of paper). The resulting curve of Q versus ∆p is found by
subtracting from the displacement volume flow rate Qd the leakage
or slip Qs,1 that is recirculated through the internal clearances back
to the inlets of the screws. These inlets are at the outer ends of the
screws shown in Figure 1, which is a side view of a typical, double-
entry twin-screw pump. Historically, twin-screw pumps were used
mainly for transferring viscous liquids and were designed
accordingly (Karassik, et al., 2001). In this case, the slip Qs,1 is
laminar, which increases linearly with ∆p, thus producing the
straight line illustrated in Figure 2 for the performance character-
istic curve.

However, this straight line does not apply for liquids of low
viscosity, which have traditionally been transferred by rotordy-
namic (centrifugal) pumps. In this case the slip Qs,1 is often
turbulent and so tends to vary more as the square root of ∆p,
yielding a Q-∆p curve that is concave downward (i.e., it falls more
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Figure 1. Multiphase Twin-Screw Pump Cross-Sectional View.
(This side view shows one of the two meshing rotors, which
contains two flights of screws, intake for each being at the outer
ends and the discharge in the middle.)

Figure 2. Performance Characteristics for High- and Low-
Viscosity Liquids. (Test results for delivered flow rate against
pressure rise. The upper plot is essentially the straight line of high-
viscosity laminar slip flow, and the lower plot for low viscosity
displays a short, straight portion of laminar slip followed by a
curved turbulent portion.)

rapidly at first, as seen in Figure 2.) This is important, because
users have found the advantages of the positive displacement
configuration to be desirable in an increasing number of applica-
tions.

Further, in the past decade, many more applications have arisen
that involve significant volumes of gas and liquid flowing together,
so that this desirability has turned into necessity. Specifically, it
was found that these pumps possess the ability to handle a wide
and changing variety of single and multiphase flows—up to 100
percent gas—at any pressure rise from zero to the maximum
design value. Early testing revealed a variety of multiphase
performance curve shapes. An example of this early work is the
test data of Figure 3, which were obtained for a small screw pump
(Prang, 1991). For example, at high GVF, the total intake volume
flow Qin of both gas and liquid was found to change hardly at all
with increasing ∆p (GVF or gas void fraction is the ratio of
ingested gas volume flow Qg,0 to Qin, expressed either fractionally
or as a percentage.)

Pump power consumption obtained in the multiphase testing of
the small screw pump is also shown in Figure 3. While power is not
the focus of this paper but rather the correct prediction of the
ingested (and therefore delivered) flow rate of the pump, Figure 3
does provide a look at the power behavior of these pumps, which
can influence the choices that are made of pump size, speed, and
the attendant volumetric efficiency. Because this is a positive
displacement pump, the input shaft power Ps is simply Ps = Qd∆p
+ Pf, where Pf is the fluid friction drag of the rotors, a small part of
the total unless the liquid viscosity is unusually large. The term Qd
∆p is not affected by GVF, as would be the case for a rotordynamic

Figure 3. Multiphase Performance Characteristics (Water and
Air). (Test results for a range of GVF shown as percentages. The
curves for total ingested flow vary from that of low-viscosity
liquids to no variation at 100 percent gas.)

machine (in which ∆p depends on the average fluid density and the
rotor tip speed.) Hence, the test results of Figure 3 show the
straight-line result for power Ps versus pressure rise ∆p; this line
shifts by a very small amount with GVF, the difference being the
change in the friction drag power Pf. Thus a screw pump can ingest
slugs of gas, incurring neither the large spikes in shaft torque nor
the need for a sudden increase in rotative speed in order to maintain
∆p that would apply to rotordynamic pumps. Nevertheless, speed-
varying devices are often supplied with screw pumps in order to
accommodate the longer-term, more permanent changes in total
intake volume flow, liquid viscosity, etc., that accompany changes
in oilfield production rates.

This more recent multitude of applications and the correspon-
ding variations of flow types and conditions have necessitated
extensive upgrades to the traditional methods of predicting twin-
screw pump performance characteristic curves. The physics of the
laminar, turbulent, and multiphase flows within the pump had to
be modeled, including both fluid mechanical and thermal consid-
erations. Vetter and his students (Vetter and Wincek, 1993; Vetter,
et al., 2000) recognized this, and they performed analytical studies
of the slip phenomenon that took into account the effects of the
liquid-leakage Reynolds number and the back-flowing leakage
from the discharge side of the pump that performs the
compression of the gas phase as the fluid advances from the intake
to the discharge end of the screw profile. They verified these
theories by extensive experimental research. Much of this insight
is readily adaptable by pump manufacturers to the task of more
accurately predicting the performance curves of twin-screw
pumps.

MODELING THE SLIP

Volumetric Efficiency

The actual amount of fluid, both gas and liquid, which a positive
displacement pump ingests is the most significant quantity in the
performance prediction task. The volumetric efficiency:

(1)

where Qg,0 is the entering gas volume flow rate; and the intake gas
void fraction:

(2)
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expressed either fractionally or as a percentage; and Qs,1 is the slip
or internal leakage that emerges from the screws into their inlets,
so that the ingested flow rate Qin is less than the geometric
displacement or swept volume flow rate Qd.

Displacement or Swept Volume Flow Rate

Qd relates to the size and speed of the pump as follows:

(3)

where Ω is equal to π times rpm/30, P is the pitch of the screw, ε
is the fraction of annular space between the root and the tip of the
screw threads that is not blocked by these threads, ξ is the ratio of
the root diameter of the screw to the tip diameter Dt, Lsc is the
length (= axial extent) of each pumping screw, and nl is the number
of “locks” or chambers created by the meshing screws. As
indicated in Figure 1, each of the two screw rotors has two
pumping screws, for a total of four flights of screw threads; this
explains the appearance of the “4” in Equation 3.

Liquid Leakage

Computation of the slip flow rate Qs,1 is fortunately greatly
simplified when one realizes that the liquid phase will be
centrifuged by the screws radially outward into the clearance gaps
between the screw rotors and the surrounding casing bores. This is
illustrated in Figure 4, which is a representation of the disc model
proposed by Vetter, et al. (2000). Thus, the method of analysis
predicts slip on the basis of only liquid leakage across the screw
lands at the outer diameter of the screw rotor. Moreover, only that
fluid Qs,1 that leaks across the first land (nearest the intake end of
the screw) reduces the ingestible volume flow rate below that of Qd.
In the earlier work (Vetter and Wincek, 1993), the convenient result
was found that 80 percent of the slip flow passes over the screw
lands through the tip clearance around the rotor, the rest passing
through the clearances at the roots and flanks of the screws.
However, this conclusion was reached for water flow. Since the
length of the path of the slip flow through the tip clearance is
greater than that through the root and flanks, as liquid viscosity
increases, a reduced fraction of the total slip passes through the tip
clearance. Thus, the tip leakage is computed assuming this result to
be an empirical factor ft times the total slip flow, where ft = 0.80 for
the high Reynolds number R-values associated with water and less
than this for lower R. This simplifies the leakage analysis, as the
root and flank leakages and geometry are more complicated than
those associated with the tip clearance. Liquid sealing of the roots
and flanks is thus also assumed, and this is admissible when one
realizes that the liquid at the tips of the screw lands is carried to the
roots and the flanks by means of the rotation.

Figure 4. Model for Internal Leakage (Slip) and Compression of
the Gas. (Liquid leakage seals the clearances and compresses the
gas, this leakage and the corresponding pressure increase more
rapidly toward discharge.)

Slip Through the Clearances

Thus the slip across the ith land (i.e., out of the ith lock) is
represented by the following relationship:

(4)

where the actual slip Qs,1 affecting the pump volumetric efficiency
is that occurring across the first land, i.e., the value of Qs,i for i =
1. ρl is the liquid density, ke is the loss coefficient for entry of the
flow into the clearance gap, As,t is the effective leakage area in the
tip clearance space and is approximately equal to 
4πDtδ, l is the length of the leak path across the screw land, i.e., the
land width, the hydraulic diameter dh of the leak path is twice the
clearance δ in the gap between the land and the casing bore. The
friction factor f is curve-fitted to the standard Moody diagram of f
versus Reynolds number R = Vlkg dh/ν (where ν is the kinematic
viscosity) for laminar and turbulent flow through smooth pipes
(Karassik, et al., 2001, page 8.35), the turbulent line first being
extended monotonically through the transition region to the
straight laminar line on that diagram. This representation of
transition assumes that the rotation of the land will promote
transition at lower values of R, which itself is based on the velocity
of the leakage across the land Vlkg, which in turn depends only on
the pressure drop across the land (Equation (4)). Moreover, this
representation ensures stability in the computation of the
performance curves, because both laminar and turbulent slip flow
can exist over the range of a single curve of Qin versus ∆p.

Because the screw land is helical and not purely circumferential,
the land effectively moves axially as the rotor revolves. This
motion tends to oppose the leakage and should become more
important as the pump rotational speed increases. However,
analysis of this effect showed it to be small, so it was omitted from
the computations. Comparisons of predictions with data are the
final judge as to the validity of this approach, and these will be
presented further on in this paper.

Pressure Development Through the Locks

The static pressure rises from the intake end of each screw flight
to its discharge end, the flow being effectively pumped in parallel
through all four screw flights. Referring to Figure 4, one sees that
the entering gas is increasingly compressed in each chamber or
lock formed by the meshing screws (represented by the series of
discs shown), as it moves from the inlet to the discharge end,
thereby reducing the exit value of the GVF accordingly. The
compression in a given lock is affected by liquid that leaks back
into this lock from the downstream one. As this compressing liquid
must nearly fill the last lock, the rate of leakage flow passing from
the discharge end of the screw and into the last lock is far greater
than that passing into the first lock next to the inlet end of the
screw. This means that the pressure rise across the land from the
last lock into the discharge zone downstream of the screw flight is
much greater than it is across the first land next to the inlet zone
upstream. Solving Equation (4) for the pressure difference across
land i shows that this difference increases rapidly with leakage
(slip) flow Qs,i :

(5)

where the values of Qs,i are determined by the compression process
of the gas flow rate Qg,i in terms of the pressures pi, this gas flow
rate being found from:

(6)

Ql being the net liquid flow rate delivered by the pump. The
pressure development through the locks reduces to two general
shapes, namely those associated with the cases of all-liquid flow
and multiphase flow:
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• All-liquid flow—Here Qg,i in Equation (6) is zero, making the
slip flow rate Qs,i the same for all the locks. Equation (5) thus gives
the same pressure rise across each of the locks, yielding the stair-
stepped, essentially straight-line pressure development versus axial
position that is illustrated in Figure 5.

Figure 5. Pressure Development Through the Screw Rotors. (The
pure-liquid and low-pressure-ratio multiphase case is seen as the
“stair-stepped” curves that are straight lines on the average. The
extreme case of 100 percent GVF and high pressure ratio shows no
pressure increase until the last lock (next to the discharge) is
reached.)

• Multiphase flow—Here the gas volume flow rate Qg,i will be
reduced as depicted conceptually in Figure 4, thereby yielding
increasing slip over the latter screw lands. This produces a
parabolic-like curve of pressure versus axial position, a larger
pressure rise occurring across the last land, and less across the first
land (Prang, 1991; Vetter, et al., 2000). At the extreme of very high
GVF and a very high ratio of pump outlet pressure to inlet
pressure, all the pressure rise occurs across the last lock, as is also
illustrated in Figure 5. Thus there is zero slip across the first lock,
and the total ingested volume flow rate Qin is equal to the pump
displacement flow rate Qd. This explains why, in Figure 3, the
curve of Qin versus ∆p is so flat when GVF = 100 percent.

In the multiphase case, the gas compression process is assumed
to be isothermal because the liquid and vapor phases have a
sufficient interaction to enable the liquid to absorb the heat of
compression of the gas with very little temperature increase.
Therefore both phases are assumed to have nearly the same
constant temperature. In this case, it is required that the gas volume
from one lock to the next decrease as the ratio of the pressures:

(7)

The overall pressure rise ∆p is thus the sum of the pressure
differences for all the locks:

(8)

Effect of Rotational Speed

For high-GVF operation, computations utilizing the above slip
and compression modeling display a strong effect of pump speed
(rpm) on the resulting slip and therefore the curve of total inlet
volume flow rate versus pump pressure rise ∆p. This is illustrated
in Figure 6 for the case of GVF = 95 percent. At 900 rpm the total
inlet volume flow rate Qin is obviously much less than that for the
1500 rpm case because the displacement volume flow rate Qd
varies directly with speed. However at the same maximum ∆p of
500 psi, the increase in slip or fall-off of Qin that occurs as ∆p
changes from zero to 500 psi is far more at 900 rpm than it is at
1500 rpm. This can be explained with reference to Equation (6),

which at the same GVF and volumetric efficiency would require
the same percentage increase in each term, namely, slip, displace-
ment flow, ingested liquid flow, and gas flow rates. The
correspondingly greater slip flow across the last lock (to fill the
adjacent upstream lock as illustrated in Figure 4) would produce a
greater pressure drop across the last land to drive this greater
leakage flow. This also can be viewed as a larger pressure rise
across the last land and out to the discharge zone. As the value of
∆p across the whole pump is the same (500 psi) in both cases, there
must be less pressure drop across the other lands and therefore less
slip in the higher-speed case. Thus the volumetric efficiency
actually increases with speed, as was found by Vetter and Wincek
(1993) and Vetter, et al. (2000). However, no such increase would
be predicted for the pure-liquid case at the same ∆p, because the
pressure change across each land is the same throughout the pump.

Figure 6. Effect of Speed on Multiphase Performance Predictions.
(Increasing the speed not only increases the total ingested flow of
gas and liquid, but it also reduces the fall-off of this flow versus
pressure rise due to lower slip at higher speed.)

Spatial Variation of the Clearance

The pressure rise ∆p of the pump imposes a radial load on the
screw rotors that causes them to deflect in the bores (Prang, et al.,
2002), making the tip gap clearance δ variable circumferentially as
illustrated in Figure 7.

Figure 7. Nonuniform Clearance. (Loss of concentricity of the
screw rotors in the casing bores due to offsetting and/or deflection
of these rotors under the load due to the pump pressure rise can
result in an increase of slip flow.)

The existence of this load can be deduced from Figure 5, e.g.,
the two curves of pressure development versus axial position for
zero GVF are displaced from each other due to the helical
disposition of the screw and the fact that the pressure is constant
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within any one lock. The upper (stair-stepped) curve is obtained
along the bottom of the screw, while the similar but displaced
lower curve is obtained along the top. The result is therefore a
radial force Fr, which is quantified as follows:

(9)

where P is the screw pitch. Figure 5 also depicts a similar shift in
the pressure distribution for the extreme case of 100 percent GVF
and very high pressure ratio across the pump. The resulting radial
load on each double-entry screw rotor is the same in both cases and
is given by Equation (9).

This deflection of the rotors causes more slip than if δ were
constant at its circumferentially averaged value. This increase in
slip is quite significant in the case of laminar slip flow, as is evident
from the form that Equation (4) (with the approximation of 4πDtδ
for the tip leakage area As,t) takes when the flow is laminar, namely:

(10)

where µ is the absolute viscosity of the liquid. In this case, referring
to Figure 7, if the rotor were fully deflected to the point of zero
clearance (δ = 0) on one side and δ = twice the undeflected
clearance δu on the opposite side, the cubic variation of δ would
locally yield eight times leakage rate where δ = 2δu and zero
leakage where δ = 0. This could easily double the slip that would
occur if the clearance δ were uniform circumferentially and equal
to δu. Thus the performance computations assume typical
deflection of the rotor and make empirical adjustments that are a
function of Reynolds number R, effectively increasing the clearance
δ associated with Equation (4) above the average value  δu.

Viscous Heating

Another phenomenon associated with laminar slip flow and the
correspondingly high liquid viscosities and low leakage Reynolds
numbers is the viscous heating that effectively reduces the
viscosity of the liquid, thereby allowing greater slip. This heating
is caused by the shearing of the leaking liquid as it passes through
the clearance at the tip of the screw. The resulting average viscosity
in the clearance gap is found iteratively from the viscosity-versus-
temperature relationship of the liquid. The temperature rise of the
liquid in the gap is found from the drag power that arises from the
tangential shear stress in the gap divided by the mass flow rate of
the leakage and its specific heat. The average viscosity computed
in this manner is the value of viscosity that is used for computing
the friction factor f (R) in Equation (4) and the resulting slip.

Effect of Pressure Ratio

In many field applications, the absolute inlet pressure pin to the
multiphase pump is significant, often several atmospheres. This is
often not reproduced in shop testing of the pump prior to shipment,
where pin is commonly near atmospheric pressure. The rated pump
pressure rise ∆p = (pout � pin) is always reproduced in the shop
tests but the pressure ratio, pressure ratio (PR) = pout/pin, is larger
for the shop tests than it is in these field applications. However, the
pump is selected to meet the specified conditions of service from
the field. The present performance prediction method is applied to
confirm that the chosen pump configuration will indeed meet the
specified conditions of service, which include the field pressure
ratio. Figure 8 shows predictions made by the present method
(which includes this PR-effect in the performance modeling as
evidenced by Equation (7)). Shown in the figure are curves of
pump flow rate versus ∆p for three values of PR that cover a typical
range of this quantity. As PR increases from 3.3 to the typical shop-
test value of 34.3, the pump delivers more flow. Figures 4 and 5 are
an aid in understanding why this happens. For example, if pin were
extremely high—say, much greater than ∆p—there would be

negligible compression, and the decrease of the gas volume from
inlet to outlet depicted in Figure 4 would not occur, i.e., the gas
would not be compressed very much at all. The resulting pressure
development versus axial position would then be very nearly the
same as depicted in Figure 5 for the zero-GVF case. This puts more
pressure difference across the first lock—with the correspondingly
reduced output due to the greater slip back to the inlet. But the
higher pressure rise across the last lock that is typical of high GVF
and significant pressure ratios is very much reduced in the field if
the inlet pressure is greater than it is in the shop tests. This has the
added benefit of producing lower pressure pulsations and
potentially less mechanical vibration in the field.

Figure 8. Effect of Pressure Ratio. (An increase in the pressure
ratio reduces the slip flow, thereby increasing the output at a given
pump pressure rise.)

Porting

When the forementioned vibration becomes an issue for
successful deployment of multiphase screw pumps, it is common
practice to locally increase the clearance at the outer diameter of the
screw flights near their discharge ends. This “porting” reduces the
pressure rise across the last lock, which as has been explained can
be quite large at high GVF and high pump pressure ratio. While not
specifically treated in the computations according to the foregoing
theory, the effect of porting can be approximated by slightly
decreasing the number of locks employed in these computations.

Remarks on the Slip Model

The foregoing phenomena have been coded into a working
performance-prediction program for both liquid and multiphase
screw pumps. While the emphasis in this paper has been on the slip
model, as a means of predicting pump flow rate, the code also
includes the prediction of power consumption, which together with
the flow rate results also implies overall pump efficiency. The
program has been run for many cases, some of which are presented
in the following section in order to assess the validity of the theory.
As more comparisons with test data become available, it may be
necessary to alter such things as the assumptions about transition
from laminar to turbulent flow, wherein the rotational Reynolds
number may play a more significant role than has here been
assumed relative to the leakage throughflow Reynolds number R.
It is a fairly simple matter to upgrade the code with such improve-
ments. This is a necessary and typical approach to learning about
how any fluid machine performs and so can serve as an aid in the
design process.

EXPERIMENTAL VALIDATION OF MODEL

A number of rotary screw pumps have been tested at various
operating conditions to confirm performance and validate the flow
prediction model. Unfortunately, factory testing of these pumps is
often limited by flow and power limitations as well as environ-
mental restrictions on the type of fluids that can be handled.
Therefore, the validation tests conducted on multiphase have been
limited to air/water multiphase mixtures. Limitations in accurately
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measuring multiphase flow and controlling stable operating
conditions in the field make field validation of other conditions
impractical, thus limiting validation of the model to the factory
testing at this time.

The discussion in the previous section confirms that three
distinct and different flow regimes through the clearances result in
different performance characteristics for the different operating
conditions. These conditions are:

• Viscous liquid operation—Linear performance characteristic

• Low viscosity liquid operation—Concave downward character-
istic

• Multiphase operation—Linear or concave upward characteristic

The following factory test results show close agreement with the
flow prediction model, thus validating this model and confirming
the different flow characteristics.

Viscous Liquid Operation

As indicated, screw pump performance with viscous liquids is
characterized with laminar flow of the slip leakage back through
the internal clearances, resulting in a linear relationship between
slip and differential pressure and a linear performance curve.
Figure 9 shows a relatively linear relationship between the differ-
ential pressure and the intake volume flow rate. This curve shows
the actual performance versus the predicted performance of a small
screw pump with 6 inch (150 mm) diameter rotors, when operating
on oil with a viscosity of 857 SSU (185 cp), at 880 rpm. The
performance predicted by the model for two different screw
clearances shows the sensitivity of the pump to clearance variation.
The actual measured performance is shown with the diamonds and
the solid and dashed lines show the predicted performance at 0.013
inch (0.33 mm) screw clearance and 0.015 inch (0.38 mm)
clearances, respectively. Note that all clearances indicated are
diametral clearances between the rotor and the bore.

Figure 9. High-Viscosity Liquid Performance. (The essentially
straight-line characteristics of laminar slip flow are well predicted.
Note the sensitivity of the predictions to the clearance between the
screw lands and the casing.)

The model does predict a slight change in the slope of the curve
at lower differential pressure. This is due to the viscous heating
effect discussed in the previous section. At higher differential
pressures there is sufficient slip through the clearances to
overcome this effect and produce the linear slip characteristic
shown.

This curve confirms good agreement between the test data and
the performance predicted for the 0.013 inch screw clearance,
which was the approximate clearance of the pump tested.

Low Viscosity Liquid Operation

With low viscosity liquids, screw pumps exhibit a nonlinear slip
characteristic due to the turbulent flow characteristics in the screw
clearances. This nonlinear flow characteristic is shown in Figure
10. This curve shows the actual performance versus the predicted

performance of a multiphase screw pump with 10.8 inch (275 mm)
diameter rotors, when operating on water, at 900 rpm. The
performance predicted by the model for two different screw
clearances is shown and again confirms the sensitivity of the pump
to clearance variation. The actual measured performance is shown
with the diamonds, and the solid and dashed lines show the
predicted performance at 0.027 inch (0.69 mm) screw clearance
and 0.030 inch (0.76 mm) clearance, respectively. The slope of the
curve is steep at low differential pressures but gradually reduces as
the differential pressure is increased, confirming the transition
from laminar to turbulent slip flow through the clearances.

Figure 10. Low-Viscosity Liquid Performance. (The concave
downward shape of the turbulent slip-flow case is evident, as is the
rather straight initial portion indicating laminar slip at the low
values of pressure rise.)

The actual performance agrees closely with the predicted
performance at 0.027 inch (0.69 mm) screw clearance, thus
confirming the model prediction with low viscosity liquids. The
predicted change in slope of the curve with increasing differential
pressure is also validated.

Multiphase Performance—Air/Water Mixture

As indicated in the previous explanations, the screw pump
performance on multiphase fluids is more complicated, and the
shape of the curve can vary from concave upward to almost linear
with little slip. The performance characteristics depend on many
factors including rotating speed, differential pressure, GVF, liquid
viscosity, and screw clearances. Comparisons of several different
pumps and operating conditions are shown to illustrate the effects
of some of these variables.

58 Percent GVF

Figure 11 shows the actual performance of a multiphase screw
pump with 10.8 inch (275 mm) diameter rotors, when operating on
58 percent air/water mixture, at 900 rpm. This performance is
compared to the flow rates predicted by the computer model,
shown again for two different screw clearances. The actual
measured performance is shown with the diamonds, and the solid
and dashed lines show the predicted performance at 0.025 inch
(0.64 mm) screw clearance and 0.028 inch (0.71 mm) clearance,
respectively.

As explained, lower GVF values result in less gas volume to
compress, and the slip through the clearances is therefore less than
with pure liquid but greater than with the higher GVF fluids. The
actual test data show good correlation with the predicted
performance at the higher differential pressure but does show slight
deviation from the model at the lower differential pressures. The
slight capacity rise at very low pressures, predicted by the model,
is not apparent in the test data but few test points are available in
this region to verify this characteristic.

86 Percent GVF

Figure 12 shows the actual performance of a multiphase screw
pump with 10.8 inch (275 mm) diameter rotors, when operating on
86 percent air/water mixture, at 903 rpm. The computer predicted
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Figure 11. Multiphase Performance—Air and Water at 58 Percent
GVF. (Comparison of test data with predictions. Note the
importance of clearance on the predictions. Actual clearance may
be slightly larger than that of the predictions.)

performance is also shown for two different screw clearance
values. The actual measured performance is shown with the
diamonds, and the solid and dashed lines show the predicted
performance at 0.028 inch (0.71 mm) screw clearance and 0.030
inch (0.76 mm) clearance, respectively.

Figure 12. Multiphase Performance—Air and Water at 86 Percent
GVF. (Comparison of test data with predictions. Note the
importance of clearance on the predictions. Actual clearance may
be slightly larger than that of the predictions.)

This performance shows less reduction in flow rate as the
pressure increases than the comparable performance at the lower
58 percent GVF. A slight rise in capacity at low pressure is again
predicted by the model but is at even lower pressure. The lack of
sufficient test data in this region again prevents verification of this
characteristic, but this should not be a concern, as the equipment is
not normally operated at these low differential pressures.

This curve shows good correlation of the test data to the
predicted performance at the 0.028 inch (0.71 mm) screw
clearance, again confirming the capabilities of the model to predict
performance on multiphase fluids.

93 Percent GVF

Figure 13 shows the performance of a larger multiphase screw
pump with 15.0 inch (380 mm) diameter rotors, when operating
on 93 percent air/water mixture, at 900 rpm. The actual measured
performance is shown with the diamonds, and the solid and
dashed lines show the predicted performance at 0.028 inch (0.71
mm) screw clearance and 0.030 inch (0.76 mm) clearance, respec-
tively.

This performance indicates an even flatter characteristic than the
lower GVF curves confirming less slip than the lower GVF
conditions. The slight rise in capacity at low pressures is again
predicted by the model but again is not apparent in the test data.

Again this curve shows good correlation of the test data to the
predicted performance at the 0.028 inch (0.71 mm) screw
clearance, confirming the capabilities of the model to predict
performance on multiphase fluids at higher GVF values.

Figure 13. Multiphase Performance—Air and Water at 93 Percent
GVF. (Comparison of test data with predictions. Actual clearance
may be slightly larger than that of the predictions. Note that less
fall-off in performance [less slip] is found both experimentally and
via predictions as GVF increases [Figures 11 through 13.])

CONCLUSIONS

A theory and computational program for the performance of
rotary positive displacement pure liquid and multiphase double-
entry twin-screw pumps has been developed. The effects of gas
void fraction, liquid viscosity, specific heat, pressure ratio and
pressure rise, pump rotational speed, size, screw geometry, and
constant and variable internal clearances have been modeled and
coded into the program. Basic to the method is the assumption that
the slip flow or internal leakage through the clearances is purely
liquid. Also, this leaking liquid performs the function of
compressing the gas as it proceeds axially through the meshing
screws. The primary outputs of the method are the resulting
constant-speed characteristics of total ingested volume flow rate of
both gas and liquid versus the imposed differential pressure or
pressure rise. The attendant power consumption is also predicted
and is largely the product of the displacement or swept volume
flow rate times the pressure rise. The known behavior of many
aspects of the pumping done by these machines has been
simulated, including the following effects:

• The change from an essentially linear development of pressure
versus axial position for pure-liquid flow to a parabolic development
at GVF > 0, the slip flow back to the inlet (that reduces volumetric
efficiency) being reduced by consequent lower pressure drop across
the screw lands adjacent to the pump intake zone.

• The effect of pump overall pressure ratio for GVF > 0, wherein
the parabolic distribution of pressure is accentuated at high PR and
tends toward the linear, pure-liquid distribution at low PR.

• The improvement in volumetric efficiency with increasing
rotational speed at constant GVF and pump pressure rise.

• Simulation of nonuniform clearances around the rotor, typically
caused by the deflection of the rotors due to the pressure rise across
the pump.

• Reduction of the effective viscosity of the slip flow arising from
heating due to the viscous drag of fluid on the screw lands.

It was found possible to test most of these effects through
experiments on actual production pump models, the following
comparisons of predicted performance characteristics with the test
data having been made with good success:

• High-viscosity, pure-liquid flow—The essentially straight-line,
traditional fall-off of flow rate with increasing pressure rise ∆p was
well simulated.

• Low-viscosity, pure-liquid flow—The concave-downward fall-
off of flow rate with ∆p due to turbulent slip was correctly
modeled. The initial portion of this curve was steeper and tended
to be straight, indicating the presence of laminar slip in this
region.
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• Multiphase flow at three values of GVF—Both the predictions
and the tests showed good agreement, which included the change
of the characteristic curve from being similar to the low-viscosity
pure-liquid case at 58 percent GVF to an almost flat curve (very
little slip at all ∆p) at 93 percent GVF.

A change in operating conditions in the field that produces a
lower liquid viscosity is a serious development that can signifi-
cantly reduce the capacity of a twin-screw pump that has
performed as intended until the change. In an interesting twist,
lowering the liquid viscosity seriously impairs the performance of
a twin-screw pump whereas the same change enhances that of a
rotordynamic (centrifugal) pump. If these two designs could be
used interchangeably, the problem of low liquid viscosity could be
overcome by changing the pump type. This is precluded by the
quite different hydraulic coverage of the two designs, thus illus-
trating both the necessity for and the utility of the enhanced
performance prediction capability for twin-screw pumps that has
been reported here.

NOMENCLATURE

As,t = Effective leakage area in the tip clearance space
Dt = Tip diameter of the screw
dh = Hydraulic diameter
f = Friction factor
ft = Ratio of tip screw tip leakage to total leakage through all

clearances
Fr = Radial force
GVF = Intake gas void fraction expressed as percent or a fraction
ke = Loss coefficient for entry of the flow into the clearance gap
l = Length of the leak path across the screw land
Lsc = Length (= axial extent) of each pumping screw
nl = Number of “locks” or chambers created by the meshing screws
P = Pitch of the screw
Pf = Fluid friction drag of the rotors
Ps = Input shaft power
pin = Absolute inlet pressure
pout = Absolute outlet pressure
PR = Pressure ratio =  pout/pin

∆p = Pressure difference across the pump
Q = Delivered volume flow rate
Qd = Displacement volume flow rate
Qs,1 = Leakage or slip across the first screw land
Qs,i = Leakage or slip across screw land i
Qin = Total intake volume flow
Qg,0 = Ingested gas volume flow
R = Reynolds number
Vlkg = Velocity of the leakage across the land

δ = Clearance in the gap between the land and the casing bore
δu = Undeflected clearance
ε = Fraction of annular space between the root and the tip of

the screw threads that is not blocked
ξ = Ratio of the root diameter of the screw to the tip diameter
ηv = Volumetric efficiency
µ = Absolute viscosity of the liquid
ν = Kinematic viscosity
ρl = Liquid density
Ω = Angular speed of the pump (= π � rpm/30)
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